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ABSTRACT

Darbani, Ashkan A. MS, Purdue University, May 2019. Effects of Slipper Surface
Shaping and Swashplate Vibration on Slipper-swashplate Interface Performance .
Major Professor: Monika Ivantysynova Professor.

This thesis investigates the effects of swashplate vibration and slipper surface

geometry on the performance of the slipper-swashplate interface. The lubricating

interfaces within a swashplate type axial piston machine are the most complicated

part of the design process. These interfaces are supposed to provide support to

the significant loads they experience during operation and to prevent continuous

contact of the sliding surfaces. Therefore a proper slipper-swashplate interface design

ensures full film lubrication during operation and provides sufficient load support

while minimizing viscous and volumetric losses at the same time. The effects of

two factors on the performance of the slipper-swashplate are examined during this

work; swashplate vibration and slipper surface micro-geometry. An already existing

model of the slipper-swashplate interface was used to carry out the results for this

work however some modifications were made to the model to suit the needs of this

research. Swashplate vibration is a phenomenon that has not been implemented in the

model before, therefore its effects on the performance of the interface were analyzed.

Thickness of the fluid film in the lubricating regime corresponds with its performance

and is directly affected by the micro-geometry of the sliding interfaces. Therefore

the effects of slipper surface micro-geometry is crucial to study in order to find the

optimal slipper-swashplate interface design.
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1. INTRODUCTION

1.1 Background

Axial piston machines of swashplate type are found in many application in dif-

ferent industries such as agriculture, construction, and aerospace. Reasons for their

popularity are their high power density delivery and their capability to continuously

vary the effective displacement volume at a high rate. The major parts that build an

axial piston machine of swashplate type are the following; the outer case which houses

the hydraulic fluid and the remaining components, the end case with its channels to

connect the input and output ports to the displacement chambers, a control system,

in case of a variable displacement design, is used to vary the inclination angle of the

swashplate which in return changes the effective displacement of fluid volume, and

finally the rotating kit which is the heart of the machine (fig. 1).

The rotating kit in an axial piston machine of swashplate type consists of three major

components; cylinder block, valve plate, and piston-slipper assemblies. The cylinder

block encloses the pistons in its bores while being bounded by the valve plate from

the end case side and by the slippers and swashplate at the other end. The cylinder

block is mounted on the shaft through a spline and with its rotation, the piston-

slipper assemblies also rotate. Due to the inclination of the swashplate, the volume

of displacement chamber shrinks after suction stroke and an increase in pressure is

resulted in displacement chamber. The pressure inside the displacement chamber can

typically rise to 40 MPa which exerts forces onto the valve plate and pistons. The

forces exerted onto the pistons need to be carried to the swashplate and to the case

through the slippers. This is where a proper slipper-swashplate interface design is es-

sential for proper operation of axial piston machines. The three lubricating interfaces

in an axial piston machine need to make sure that solid body contact is minimized
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Fig. 1.1.: Axial piston machine of swashplate type with main parts separated

and to seal high pressure fluid from the case as much as possible. There is a trade off

between the two fundamental roles of these interfaces; in order to prevent solid body

contact, fluid film thickness needs to be higher than the asperities of the two solid

bodies, which in return could potentially increase the leakage. Therefore a highly

efficient interface design will provide just enough film thickness to provide full film

lubrication, but not too much to increase the leakage. This process is not straight

forward since these requirements will vary between each different operating condition

depending on pressure, speed, and displacement.

A lot of effort is put into modeling these lubricating interfaces as they are the most

complex part of the design process. The core of lubrication is a result of Osborne

Reynolds’ work in 1886. By combining Navier-stokes and continuity equation, he

was able to derive a relationship between film thickness and pressure generation in

sliding interfaces, called the Reynolds lubrication equation. There are two sources of

pressure generation in a lubricating interface, hydrostatic and hydrodynamic. Hydro-
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Fig. 1.2.: Lubricating interfaces of the axial piston machine

static pressure generation is straight forward as it uses an external source of pressure

to feed into the lubricating interface. In the case slipper-swashplate interface, dis-

placement chamber pressure is directed through an orifice through the piston to the

slipper pocket. Acting normal to the slipper pocket, this hydrostatic pressure changes

with the load making it an adaptive design which is well needed. A failure to properly

size the pocket of a slipper can cause it be either under-balanced or over-balanced. An

under-balanced design means that the slipper won’t lift off enough to avoid solid body

contact and an over-balanced design means that slipper lifts off too much that the

leakage to the case increases which in return decreases the efficiency of the interface.

The hydrodynamic aspect of pressure generation however, is more complex. Hydro-

dynamic pressure generations is related to multiple factors. Thin film properties such

as viscosity and density play a role in the determining the ability of the working fluid

to transmit loads. Due to the film thickness being thin, its temperature can easily
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change based on the bounding surface temperatures. Since viscosity of hydraulic oil

is very sensitive to thermal changes, the hydraulic oil can potentially lose its load

carrying capabilities if it gets too hot. Changes in the fluid’s density can also affect

the pressure generation through local expansion and density wedge. Another factor

that impacts hydrodynamic pressure generation is the deformation of the bounding

bodies due to the large pressures of the fluid film and thermal stresses. These elastic

deformations will occur wherever pressure is high enough and will cause an alteration

to the fluid film thickness which in return will change the pressure generation. The

velocity of bounding surfaces play a great role in the amount of hydrodynamic pres-

sure generation as well. Since in the hydrostatic case it was adaptively generated

based on the displacement chamber pressure (load), for the hydrodynamic case also

it can be adaptively generated based on speed of the pump. This work will mainly

focus on the details of the slipper-swashplate interface in an axial piston machine. A

fully coupled model previously developed by Schenk (2014) is used as the basis of the

research, although alterations are made to the model to adjust to the needs of the

research.

1.2 Research Objective

This work is conducted to discover the effects of swashplate vibration on the

slipper-swashplate interface performance. Swashplate vibration is a phenomenon that

exists in axial piston machines of swashplate type and its effects were missing in the

model of the pump. Therefore effort was made to implement the effects of this factor

into the model and analyze slipper-swashplate behavior.

This work also focuses on a very important slipper design parameter that has been

previously looked at by other researchers Beale (2017) and Schenk (2014). Slipper

surface geometry directly affects the Reynolds equation calculation which in turn

decides the pressure field in the fluid. This work gives a more thorough and clear
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conclusion about the effects of the slipper surface geometry on the performance of

the slipper-swashplate interface.

1.3 State of the Art

This section includes previous notable research work about three topics related

to this thesis; development of lubrication models, vibration in axial piston machines,

and surface shaping of lubricating surfaces. There has been an extensive amount

of research conducted into developing models to predict the behavior of fluid film

in lubricating interfaces and experimental work alongside to support the models.

Starting in 1960s, assuming only hydrostatic operation, Shute and Turnball (1958)

measured film thickness under the slipper with analytical prediction model to go along

with it. Moreover, they were able to get experimental results for different operating

conditions(1964) using different working fluids (1962). One of their works, gave insight

to power loss prediction based on slipper pad area and operating condition which was

useful in slipper design (1962). One of the more critical pieces of research was done by

Hooke and Kakoullis in the 1980s (1978, 1983), which stated that a fully hydrostatic

slipper design won’t be functional and hydrodynamic pressure generation, in other

words a non-flat slipper profile, is needed for proper operation. Iboshi and Yamaguchi

(1982, 1983), similarly came up with analytical models and set up their experimental

work to measure film thickness as a method to validate their theoretical models.

Hooke and Li (1988) started using a finite difference method to solve for the Reynolds

equation which enabled use of non-flat surface profiles. With added capability to the

models, more experimental work was been worked on. Looking into hydrodynamic

pressure generation and characterizing film thickness for centerally loaded slippers,

finding the effect of ball-joint on slipper behavior (1989), using water as the working

fluid (1991), and effects of clamp ratio and orifice size on slipper behavior were notable

research by Hooke and Li in this field. As the computation power was improving,

lubricating models were seeing new light as Kazama and Yamaguchi (1993) developed
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a mixed-friction model which included the effects of Elastohydrodynamic effects on

the asperity only. Further on, Manring (2002) introduced linear deformations on

the surfaces and studied their effects in hydrostatic and stationary bearings. With

advent of CFD, Bergada (2009) studied the fluid flow behavior in the grooved regions

of sealing lands. In 2009, Bergada, Kumar, and Watton were able to give detailed

results for pressure and velocity values in the fluid gap of grooved slipper designs.

As for the effects of temperature, Wiczorek and Ivantysynova (2000) developed a

model that included the temperature results to find the solid body motion which

was coupled with Reynolds to find the equilibrium at each shaft rotation. Later

on, Ivantysynova and Huang (2003) added pressure deformation (EHL) to the piston-

cylinder and block-valveplate interface. Pelosi and Ivantysynova (2012) then extended

the effects of EHL to slipper-swashplate interface. He also simulated the thermal

effects in the piston-cylinder interface in 2009. Using the thermal model simulations

and EHL effects, Schenk (2014) was able to put together a fully coupled fluid-solid-

thermal interaction model for the slipper-swashplate interface similar to the work

of his contemporaries Pelosi and Zecchi did for piston-cylinder and block-valveplate

interfaces respectively.

There were studies done regarding vibration in axial piston machines. Most of

these studies were regarded to noise and active vibration systems in axial piston

machines. Moreover, studies regarding prognostics also pay attention to the amount

of vibration present in the system. In a study by Sudeep, Pandey, and Tandon

(2013), they concluded that surface texturing can reduce friction coefficients by 30

percent, and reduce amount of vibration at resonance frequency significantly. A

publication by Dong and Dapino (2015) stated that high frequency vibration above

20kHz (ultrasonic) can help reduce friction between two surfaces. They also hinted

that surface wear can be reduced at what they call ultrasonic lubrication with a value

of 49 percent reduction in wear volume. More recently, Kim (2017) implemented

swashplate active control techniques to reduce vibration and noise. His methodology

of vibration measurement was studied for this work.
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Research on the effects of surface shaping of lubricating surfaces were hinted at

previously as done by Hooke and Kakoullis (1981). They stated that moments gen-

erated due to centrifugal effects and the slipper-ball-joint friction needed a non-flat

slipper design to balance. Similarly, they concluded that for over-clamped slipper

designs, a non-flat slipper is needed. Furthermore, Hooke and Kakoullis (1983) stud-

ied the effects of non-flatness on film thickness by adding tilt and deviation to the

slipper running surface. Hargreaves(1990) studied the effects of surface waviness on

the load-carrying ability of rectangular slider bearings and concluded that the perfor-

mance of the bearings improves with waviness as he measured the pressure to match

with his findings. Similarly, Rasheed (1998) studied the effects of surface shaping in

cylindrical sliding bearings (journal bearings) and he concluded that load-carrying

capacity of these bearings improved with waviness. On a separate study, Yabe (1997)

studied the effect of slipper non-flatness due to wear on slipper performance. A few

years later, Baker and Ivantysynova (2008), using the model developed by Huang

and Ivantysynova (2003), were able to predict 50 percent reduction in power loss

by introducing waviness to the block-valveplate interface. They used 15 sinusoidal

waves circumferentially on the valve plate sealing land with amplitude of 1 micron.

More recently, Chacon and Ivantysynova (2014) were able to confirm the work Baker

and Ivantysyn (2008) had done after adding deformation due to thermal effects and

broadening the variable bounds. Chacon and Ivantysynova, predicted a 40 percent

reduction in power loss and concluded that the amplitude of waves around the valve-

plate played the most important role. Schenk (2016) and Beale (2017) studied the

effect of step design in slipper. Similarly, Wondergem (2018) included in her thesis

that different surface shapes including waviness and barrel-like shapes on the piston

can benefit the performance of the piston-cylinder interface.
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2. THE SLIPPER-SWASHPLATE INTERFACE

In this chapter the kinematics of axial piston machines of swashplate type will be

discussed. A detailed section regarding the lubrication operation of the interfaces and

an analytical approach to predict the performance of the slipper-swashplate interface

will be presented. Furthermore, the details of the numerical model that was used will

be discussed.

The majority of the operation of an axial piston machine of swashplate type was

discussed in the last chapter. Focusing more on the components related to the slipper-

swashplate interface; there are many patented slipper and piston-slipper assembly

designs. There are female and male slipper designs, multi-land and single land designs

with or without step as shown in Figure 2.1, and many more. The multi-land design

has both high pressure and low pressure regions (red (high pressure) and blue (low

pressure) in Figure 2.1 a) while single land design with a step has only high pressure

(Figure 2.1 b).

However a hydrostatic slipper design provides a better performance due to its

adaptive load capability. A hydrostatic slipper design includes a pocket area that

shares a pressure close to the displacement chamber pressure and one or multiple

sealing lands to seal the high pressure flow in the pocket and to add load capability

through hydrodynamic pressure generation. In the more common design of slipper

which has one pocket area with one sealing land, the slipper is manufactured with a

socket and is swaged around the piston head (Fig. 2.2). This is a female slipper design.

One advantage of male slipper design is that it allows for larger swashplate angle since

it allows for shorter piston-slipper assembly resulting in less bending moment of the

piston.

Basic principle of axial piston machines of swashplate type is as follows; the pistons

are encompassed by cylinder bores that are arranged on a circle inside the cylinder
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Fig. 2.1.: Different slipper designs; a) multi-land slipper design b) single land with a

step c) female design d) male design

Fig. 2.2.: Single land slipper design with no step

block with a radius of Rb. Due to the inclination of the swashplate, pistons have a

linear stroke HK which depends on the swashplate angle β. The direction of flow

can be changed by moving the swashplate over center, without changing the shaft
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rotation direction. The flow enters and leaves the displacement chambers through a

non-rotating valveplate from suction and pressure ports. Three parts build the mech-

Fig. 2.3.: Axial piston machine schematic

anism of the rotating group; the swashplate and valveplate are connected through

the housing and are mostly fixed, the cylinder-block that is connected to the shaft

through a spline, and the piston-slipper assembly. The difference between pumps and

motors rise from the way torque is transferred; if the torque is transmitted from the

shaft to the rotating group, the piston is driven and there will be a pressure difference.

This mechanism is regarded as pumping. On the other hand, if the rotating group

receives its torque from a pressure difference, it would be regarded as motoring. To

derive the kinematics of the axial piston machine, a system is chosen as shown in

Figure 2.3 which is only used to obtain kinematics of the pump. the speed of the

cylinder block is a constant value ω, the piston is allowed a linear movement along

the z direction and also rotation around its own axis. Shaft angle is measured based

with reference to initial position OTC (outer dead center), which is the point where
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piston is at its full stroke in pumping mode. The piston stroke SK can be calculated

as:

SK = −R · tan β · (1− cosφ) (2.1)

With the rotation of the block by φ = 180◦, the maximum piston stroke HK occurs

which is:

HK = 2R · tan β (2.2)

From equation (2.1), velocity of the piston can be found:

vK =
dSK
dt

=
dSK
dφ
· dφ
dt

= −1

2
·HK · sinφ · ω (2.3)

And similarly the piston-slipper assembly acceleration can be found to be:

aK =
dvK
dt

=
dvK
dφ
· dφ
dt

= −1

2
·HK · cosφ · ω2 (2.4)

Pressure of displacement chamber pDC is ultimately the load for slipper-swashplate

interface. It is important to know how the value of pDC is achieved. Using a simple

lumped parameter model developed by Wieczorek and Ivantysynova[], the derivation

is as follows:
dVi
dt

= vk · AK (2.5)

Where subscript i corresponds to each displacement chamber. Using the definition

derived for vK , pressure can be found by integrating the following equation:

dpi
dt

=
K

Vi
(Qri −QSKi

−QSBi
−QSGi

− dVi
dt

) (2.6)

To analyze slipper-swashplate interface analytically, a global coordinate system is

defined just for this interface. This coordinate system is defined at the center of the

slipper motion path on swashplate surface, hence it is named (xS, yS, zS). Referring

to Figure 2.5, the y-axis is parallel to the surface of swashplate and in a straight line

from IDC to ODC, the z-axis is normal to the surface and pointing away, and x-axis

can be found using right-hand rule. The shaft rotation angle φ is zero at positive
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Fig. 2.4.: Flow rates corresponding to pressure build-up in displacement chamber

y-axis (ODC) by convention in pumping mode. Piston centerline stays at a constant

radius RB throughout a revolution. However, when swashplate is not zero, the path

of motion of slippers becomes elliptical and the instantaneous radius of a slipper rG

as a function of revolution angle can be found as follows:

rG =

√
(RB sin(φ))2 + (

RB

cos(β)
cos(φ))

2

(2.7)

Since each slipper goes through the same operation, this work only focuses on ana-

lyzing one slipper. In order to predict the performance of the whole unit, the results

need to be correctly phase shifted based on the number of pistons and then summed

together assuming each slipper shares the same exact geometry. To focus on one slip-

per, another coordinate system is introduced. This coordinate system has its origin on

the center of sealing land surface, with z-axis pointing outward from the swashplate

surface, x-axis is tangent to instantaneous slipper velocity, and y-axis can be found

based on right-hand rule shown in Figure 2.6. An equivalent cylindrical coordinate

system for the slipper is also shown in Figure 2.6 due to the fact that thin film will be

discretized based on polar coordinates due to the nature of the thin film looking like

a disk, making it simpler to use polar coordinate system. As shown, r and θ will go

through all of the discretized thin film for every increment of shaft revolution. With
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Fig. 2.5.: Swashplate coordinate system (global)

the local coordinate system defined, the complete motion of slipper can be analyzed.

The relative rotation of piston around its own axis was examined by Ivantysynova

and Lassar [] through a special test rig to measure the friction between piston and

cylinder bore. It is assumed that for every full revolution, piston rotates around itself

once. It is also assumed that slipper rotates with piston’s relative rotation around

its own axis. Therefore slipper also rotates around zG once every revolution. The

equation of slipper velocity in polar coordinates is as follows:

vxG(r, θ) = ω · c1 · cos(c2)

vyG(r, θ) = ω · c1 · sin(c2)− r · ω

c1 =
√
r2 + rG2 − 2 · rG · r · cos(π − θ)

c2 = π
2
− cos−1( c1

2+r2−rG2

2·c1·r )

(2.8)

It is useful to predict the performance of slipper through analytical equations.

However, multiple simplifications need to be done in order to do so. One of the inputs

to predict the performance is the load on the slipper-swashplate interface (bearing),

which requires a free body diagram of the slipper. Figure 2.7 illustrates the free body

diagram of slipper. The largest force FKS comes from the piston to slipper and is

also named clamping force.
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Fig. 2.6.: Slipper’s local coordinate system

Fig. 2.7.: Slipper free body diagram

FKS originates from a few sources (refer to Figure 2.8), mainly displacement cham-

ber pressure acting on piston’s end, FDK which pushes the piston body in axial direc-

tion causing inertia force of piston FaK . Another force FTK stems from the viscous

friction between the piston and cylinder bore which acts in the opposite direction of

piston’s motion. Sum of the three forces mentioned, which are all in axial direction,

will be transmitted to the swashplate through slipper. Forces FSK and FKS are equal
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in magnitude but opposite in direction. Due to the inclination of the swashplate, the

force FSK is at an angle β. It is of value to find the value of FKS since it would be

the main load borne by the thin film. From the piston’s free body diagram, it can be

seen that:

FSKx = FDK + FaK + FTK =
π

4
(dK

2 − ddG2) · pDC +mK · aK + FTK (2.9)

From the above forces, FTK needs to be calculated from a numerical model unless

it is the piston is concentric to the cylinder. Due to this reason, FTK is neglected in

the analytical approach later in this chapter. Once the x-component of FSK is found,

FSK can be easily derived:

FSK =
FSKx

cos(β)
(2.10)

Fig. 2.8.: Piston free body diagram

Once the load is determined, an analytical model can be derived. However, other

forces shown on the free body diagrams of slipper and piston will be briefly described

first. On slipper’s free body diagram, FωG is the centrifugal force due to rotation of
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slipper around the pump shaft pointing outwards. This force tips the slipper in such

a way that the thin film increases along the positive yG axis. FTK is the friction force

between the slipper and swashplate that due to the complexity of thin film thickness,

is calculated numerically. Ffz is the force due to the pressure of thin film and pocket

pressure on their respective areas which is the also calculated in the numerical model.

Moving over to the piston’s free body diagram, FfK is the force due to the pressure of

thin film between the piston and cylinder. FωK is the centrifugal force of the piston

due to its rotation around the shaft.

Analytical Approach

Large forces generated due to displacement chamber will push the piston to the

swashplate and lack of a proper design to bear this load and transmit to the swash-

plate can cause large losses and inefficiencies. An analytical analysis to predict the

performance of this interface is beneficial in understanding the validity of the design.

To arrive at an analytical solution to such a complex system, multiple assumptions

need to be made to simplify different phenomena happening in this lubricating inter-

face. The main force that needs to be borne, ignoring FωG and FTG, is as follows:

FKS =
π

4 · cos(β)
(dK

2 − ddG2) · pDC + FHD (2.11)

where FHD is the hold down force assuming the pump uses this mechanism since there

is also a fixed clearance hold down mechanism. Assuming a slipper design with one

sealing land and parallel to the swashplate, an analytical solution for the pressure

distribution can be found (Hamrock, 2004) as a function of radial distance, r:

p = pG
ln(r/routG)

ln(rinG − routG)
(2.12)

where rinG and routG are din/2 and doutG/2, respectively. Once pressure distribution

in the sealing land region is calculated, it can be integrated over the sealing land area

and combined with the force of slipper pocket pressure on the pocket area to find the

fluid force in the thin film:
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Fig. 2.9.: Slipper leakage and orifice

Ffz = π · rinG2 · pG +

routG∫
rinG

pG
ln(r/routG)

ln(rinG − routG)
· 2πr ·dr =

π · pG(routG
2 − rinG2)

2 · ln(rinG − routG)
(2.13)

This force Ffz is only hydrostatic and does not include any hydrodynamic effects

which brings up an important factor in design of slipper-swashplate interface. Balance

factor is the ratio of hydrostatic fluid forces Ffz over clamping force FKS. If this ratio

is less than 1, it means that slipper is under-balanced and if it is above 1 the slipper

is considered over balanced. This value needs to be below 1 since during operation

hydrodynamic pressure generation will add up to the fluid forces and can make up

for the deficit to balance out the slipper and prevent contact. Two important factors

in determining the performance of the slipper-swashplate interface are leakage and

viscous friction. Leakage contributes to volumetric inefficiencies and viscous friction

contributes to torque loss. The values of slipper leakage from the interface and viscous

friction are defined as follows (Hammrock, 2004):

QSG =
π · hG3 · pG

6µ · ln( routG
rinG

)
(2.14)

FTG =

∫
A

τ · dA = µ
RB · ω
hG

π(routG
2 − rinG2) (2.15)
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Consequently, the power loss due to each of these two factors, QSG and FTG can be

found as follows:

PQSG
= QSG · pG =

π · hG3 · pG2

6µ · ln( routG
rinG

)
(2.16)

PFTG
= FTG · ω ·RB = µ

ω2 ·RB
2

hG
π(routG

2 − rinG2) (2.17)

Combination of these two sources represents the total power loss. Solely based on the

analytical approach, through many assumptions, one can decide if a certain slipper-

swashplate interface is efficiently designed. Although the accuracy of this approach is

the key point here; due to thermal and pressure deformations of slipper and swashplate

bodies, film thickness of slipper can only calculated accurately through numerical

models. Therefore this assumption of parallel slipper and swashplate is also invalid;

hence the development of a novel fluid-solid-thermal interaction (FSTI) model by

Schenk (2014) which is the base of this study. Next, the details of this model will

be discussed in details since it encompasses important information regarding the

methodology used in this research.
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3. MODEL OVERVIEW

In this chapter the details of the numerical model developed by Andrew Schenk (2014)

will be discussed. Although there were no contributions to this work by the author

that were used during the study, it is important to understand the underlying physics

of the lubrication phenomena in slipper-swashplate interface. An overview of the

model is provided in Table 3.1. Each of the models will be briefly discussed in this

chapter. To learn about the derivations of the equations and more details, refer to A.

Schenk (2014).

Table 3.1.: Numerical models in the FSTI
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3.1 Gap Pressure Model

At the heart of gap pressure model is the Reynolds equation which is derived from

Navier-Stokes equation utilizing continuity equation. Starting from Navier-Stokes

equation in vector form:

ρ
∂v

∂t
+ ρ.∇v = −∇p+∇.(µ∇v) + f (3.1)

Multiple assumptions are made according to lubrication theory that are mentioned

below:

• Fluid inertial forces are small and therefore second term in left hand side is

neglected.

• Fluid acceleration is small therefore first term in left hand side is neglected.

• Body forces are neglected therefore last term in right hand side is set to zero.

These three assumptions reduce the equation 3.1 to 3.2:

∇p = ∇.(µ∇v) (3.2)

Two other assumptions are made before reaching the final form of Reynolds equation

used in this model which are:

• Pressure, viscosity, and density gradient are zero along the height of the fluid

film ∂(p,ρ,µ)
∂z

= 0.

• Fluid velocity gradient in x and y direction are small compared to z direction.

The final form of Reynolds equation in vector form is as following:

∇.
(
− ρh

3

12µ
∇p
)

+∇.
(
ρh

2
(vt + vb)

)
+ ρvb.∇hb − ρvt.∇ht +

∂

∂t
(ρh) = 0 (3.3)

Every term in equation 3.3 has the unit kg
m2·s which states the mass flow rate per unit

area in the fluid film domain. The first term in equation 3.3 is mass flow due to pres-

sure gradient in the film (hydrostatic diffusion) regarded as Poiseuille (pronounced
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”pwah-SWEE”) term, second term is flow rate due to surface velocities (hydrody-

namic diffusion) and is regarded as Couette term, third and fourth term describe the

flow rate due to squeeze effect of the surfaces, and the last term is the flow rate due

to local expansion. Equation 3.3 does not have an analytical solution therefore it

needs to be solved numerically. Due to the nature of the fluid film shape, a polar

coordinate system is used for the discretization.The structured 2D grid of the fluid

film for Reynolds equation is shown in Figure 3.1:

Fig. 3.1.: Structured grid for the fluid film in solving Reynolds equation (Schenk

2014)

To briefly explain the discritization, each cell (P) is surrounded by four other cells

(W,N,E,S) as shown in Figure 3.2.
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Fig. 3.2.: 2D fluid grid cells in the solution (Schenk 2014)

A modified notation of equation 3.3 in polar coordinates is presented in equation 3.4.

Refer to Figure 3. for the velocity subscripts.

∫
Ω∇.

(
h3

µ∇p
)
dΩ = 12

∫
Ω


h(vrt+vrb)

2r + ∂h
∂r (

vrt+vrb
2 ) + h ∂

∂r(
vrt+vrb

2 )

+1
r
∂h
∂θ (vθt+vθb2 ) + h

r
∂
∂θ(

vθt+vθb
2 )− vrt ∂ht∂r

−vθt
r
∂ht
∂θ + vrb

∂hb
∂r + vθb

r
∂hb
∂θ + ∂ht

∂t −
∂hb
∂t

dΩ

(3.4)

Using divergence theorem, left hand side of equation 3.4 is turned into the discretisized

form as follows:∫
Ω∇.

(
h3

µ∇p
)
dΩ =

∫
A
h3

µ∇p · dA = he
3

µe

∂pe
r∂θ∆r −

hw
3

µw

∂pw
r∂θ∆r

+hn
3

µn

∂pn
∂r ∇pn(r + ∆r

2 )∆θ − hs
3

µs

∂ps
∂r (r − ∆r

2 )∆θ
(3.5)

Since the grid is structured and linear variable profile is assumed between cell cen-

troids, the face pressure gradients in equation 3.5 can be found be according to the

following:

∂pe
r∂θ

=
pE − pP
r∆θ

,
∂pw
r∂θ

=
pP − pW
r∆θ

,
∂pn
∂r

=
pN − pP

∆r
,
∂ps
∂r

=
pP − pS

∆r
(3.6)
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By factoring centroid pressures, the pressure for cell centroid pP as a function of

four neighboring cells can be found according to equation 3.7:

aPpP − aEpE − aWpW − aNpN − aSpS = b (3.7)

By forcing cells that are on the boundaries to have a fixed pressure value, this dis-

cretized formula can be applied to each cell to form a linear system of equations

Ap = b which is solved using a bi-conjugant gradient stabilized solver in GMM++

library (Renard, 2011).

3.2 Slipper Pocket Pressure Model

After finding the pressure in the sealing land, it is vital to calculate the pressure

in the slipper pocket. This pressure provides the majority of the load balance for

the slipper. The fluid flows from the displacement chamber through an orifice to the

pocket region as shown in Figure 3.3.

Fig. 3.3.: Flows in and out of the interface

A lumped parameter method is used to find the pressure in the slipper pocket.

Eq. 3.8 which is known as the pressure build up equation relates the time derivative

of pressure in a control volume with the Bulk modulus of fluid, the size of the volume,

net flow, and time derivative of the volume:

dp

dt
= −K

V

(∑
Q+

dV

dt

)
(3.8)
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Where K is the bulk modulus of fluid, Q is the net flow, and V is size of the control

volume. Referring to Figure 3.3, the two flows are Qpiston and QSG. Flow in the

slipper sealing land is derived according to equation 3.2 by implementing the fourth

and fifth assumptions mentioned in the last section. According to the definitions of

divergence and gradient operators in Eq. 3.9:

∇ ·A = 1
r
∂
∂r (rAr) + 1

r
∂
∂θ(Aθ) + ∂

∂z(Az)

∇a =
(
∂a
∂r ,

1
r
∂a
∂θ ,

∂a
∂z

) (3.9)

Equation 3.2 can be broken into the following:

∂p
∂r = ∂

∂z(µ
∂vr
∂z )

1
r
∂p
∂θ = ∂

∂z(µ
∂vθ
∂z )

(3.10)

Using boundary conditions of v = vt at z = ht and v = vb at z = hb, by integrating

equation 3.10 over the fluid domain in z direction results in the velocity to be the

following in vector form:

v =
1

2µ
(z2− (ht +hb)z+hthb)∇p+ z

(
vtvb
ht − hb

)
+

vbht − vthb
ht − hb

(3.11)

Flow through the gap can be calculated by first analytically integrating the velocity

over the film thickness in z direction and then numerically integrating over slipper

circumference at the inner sealing land:

QSG =

∫ 2π

0

(
− 1

12µ

∂p

∂r
h3 − h

2
vrt

)
rdθ (3.12)

The other involved in the pocket control volume is the incoming flow of Qpiston which

according to Bernouli’s equation can be defined as the following:

Qpiston =

(
2αd

2π4rdG
4rdK

4

ρ(π2rdG4 + π2rdK4)
|pDC − pG| · sgn(pDC − pG)

)
(3.13)

Equation 3.8 becomes the following when QSG and Qpiston are substituted:

dpG
dt

=
K

Vpocket

(
Qpiston −QSG −

dVpocket
dt

)
(3.14)
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Using first order backward Euler method to solve the ordinary differential equation

3.14 results in the following formula:

pG = (pG)t−1 + ∆t
dpG
dt

(3.15)

Only terms that are consistently being updated due to their numerical nature are

QSG (gap model) and dV/dt (slipper micro motion).

3.3 Temperature and Viscosity

Viscosity plays an important role in determining the load carrying ability of a

lubricating interface. Viscosity depends on pressure and temperature and its value

can greatly vary by change in any of these two factors. Pressure values are already

known from the gap pressure model, however temperature values are not known. To

calculate the temperature distribution in the fluid film, the convection-diffusion or

energy equation is used:

∇ · (ρcpvT ) = ∇ · (λ∇T ) + Φd (3.16)

The transient effects of heat transfer are neglected since steady state is involved. The

discretization of energy equation is similar to that of Reynolds equation in last section

except that it is done in 3D instead of 2D. The term Φd is heat generation in the fluid

film and is defined as the following:

Φd =

(
∂vr
∂z

)2

+

(
∂vθ
∂z

)2

+
4

3

(vr
r

)2

+
(vθ
r

)2

(3.17)

Worth to mention that the heat Dissipation in Eq 3.17 is used as power loss in the

FSTI code since it encompasses more factors than just power loss due to leakage and

viscous friction. Once the temperature field in the fluid film is known, viscosity can

be found using the Roelands (1996) equation which relates viscosity with pressure

and temperature as shown in Eq 3.18:

µ = 10∧

(
G0

(1 + p/2000)C2 log(1+t/135)+D2

(1 + t/135)S0
− 1.2

)
(3.18)
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Where p and t are pressure and temperature, and G0, C2, and D2 are empirically

derived terms. There are also other models that were developed previously which

could be used to increase stability of the model.

3.4 Solid Body Pressure Deformation

Once the pressure distribution in the gap has been calculated from the gap pressure

model, the deformation of the slipper and swashplate surfaces due to gap pressure and

thermal stress need to be determined. Although these deformations are very small,

since they are on the same scale as fluid film thickness, they need to be included. In

order to find the solid body deformations at each iteration due to pressure gap, the

method of influence matrices (Schenk and Ivantysynova, 2011). is used to significantly

save simulation time. In this method, first a fully meshed model is fed into a FEM

solver (using tetrahedron elements) for elasticity equation which in weak form is

expressed as: ∫
Ω
ū(∇ · σ + b)dΩ = 0

σ = D = Eν
(1+ν)(1−2ν)

tr(ε)I + E
1+ν

ε
(3.19)

Where σ is stress tensor, b is body force vector, ū is weighted functions, ε is strain

vector, E is modulus of elasticity, and ν is Poisson’s ratio, An influence matrix con-

tains an array of displacement of all the nodes when a certain amount of pressure is

applied to each node separately. Using the influence matrices, each iteration the solid

body deformation needs to be calculated, a combination of matrix multiplication and

summation will be performed to find the total displacement of a surface. Equation

3.20 explains this method:

U =
∑
i

pi
pref

IMi (3.20)
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Where U is total surface displacement, i is the node number, and pref is the reference

pressure the influence matrix is calculated based on. For the FEM discritization,

tetrahedron elements are used. The element shape functions are defined as:
N1

N2

N3

N4

 =


1111

x1x2x3x4

y1y2y3y4

z1z2z3z4



−1 
1

x

y

z

 (3.21)

Solving a linear system of equations of form Ku = b, the element stiffness matrix is

defined as:

K = BTDB (3.22)

B =



∂N1

∂x
0 0 ∂N2

∂x
0 0 ∂N3

∂x
0 0 ∂N4

∂x
0 0

0 ∂N1

∂y
0 0 ∂N2

∂y
0 0 ∂N3

∂y
0 0 ∂N4

∂y
0

0 0 ∂N1

∂z
0 0 ∂N2

∂z
0 0 ∂N3

∂z
0 0 ∂N4

∂z

∂N1

∂y
∂N1

∂x
0 ∂N2

∂y
∂N2

∂x
0 ∂N3

∂y
∂N3

∂x
0 ∂N4

∂y
∂N4

∂x
0

0 ∂N1

∂z
∂N1

∂y
0 ∂N2

∂z
∂N2

∂y
0 ∂N3

∂z
∂N3

∂y
0 ∂N4

∂z
∂N4

∂y

∂N1

∂z
0 ∂N1

∂x
∂N2

∂z
0 ∂N2

∂x
∂N3

∂z
0 ∂N3

∂x
∂N4

∂z
0 ∂N4

∂x


(3.23)

And D from equation 3.19 is expressed as:

D =



1− ν ν ν 0 0 0

ν 1− ν ν 0 0 0

ν ν 1− ν 0 0 0

0 0 0 1−2ν
2

0 0

0 0 0 0 1−2ν
2

0

0 0 0 0 0 1−2ν
2


(3.24)

The final system of equation is solved using incomplete Cholesky preconditioned it-

erative conjugant gradient solver using the GMM++ library.
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3.5 Solid Body Thermal Deformation

Once the temperature distribution in the gap has been calculated using energy

equation the heat transfer, which is conduction dominantly, to the solid bodies will be

determined. Once the temperature distribution in the solid bodies are known, thermal

strain can be calculated which will affect the fluid film thickness. Heat transfer from

the thin film which is assumed to be only in Z direction is as follows:

qswashplate = −λ
(
∂T
∂z

)
z=0

qslipper = −λ
(
∂T
∂z

)
z=h

(3.25)

Where h is the film thickness. The weak form of conductive heat transfer similar to

section 3.4 will be: ∫
Ω

T̄ (−λ∇T )dΩ = 0 (3.26)

Where T̄ is the weighted function. The discritization of the thermal model is similar

to that of section 3.4 and therefore won’t be repeated. Knowing the temperature

distribution of solid bodies, the elemental strain is defined as:

T =



αT∆T

αT∆T

αT∆T

0

0

0


(3.27)

Where ∆T is temperature difference with respect to a reference temperature of 20

degrees C which is the temperature the components are sized at. The thermal force

is defined as:

fT =

∫
V

BTDTdV (3.28)

Thermal forces are summed for all the nodes and are used in the elasticity equation

to find the deformation.
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Fig. 3.4.: Heat transfer from fluid film to the solid bodies

3.6 Micro Motion of Slipper

Knowing the pressure in the gap, pocket, and the external loads on the slipper,

the micro motion of the slipper can be calculated. The slipper has three degree of

freedom, translation in Z direction, rotation around X and Y axes, and the equation

of motion for slipper is as follows (mass and inertial tensor of slipper is small relative

to forces and moments):

Ffz − FKS − FHD = maz ' 0

Mfx +Mωx = Ixαx ' 0

Mfy +MTG = Iyαy ' 0

(3.29)

To simplify the motion of slipper, instead three control points on the slipper outer

radius are defined one located at yG and the other two are equally distanced on the

radius. The height of fluid film is defined as:

hrigid(r, θ) =
r

routG
sin(θ)

√
1

3
(h2−h3)+

r cos(θ)

3routG
(2h1−h2−h3)+

1

3
(h1+h2+h3) (3.30)

As can be seen, this is assuming rigid body. Effects of pressure and thermal defor-

mation on the film thickness will be added to the rigid film thickness. By taking the
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time derivative of equation 3.30, the squeeze motion of the slipper (normal velocity)

can be expressed as:

∂hrigid
∂t

(r, θ) =
r

routG
sin(θ)

√
1

3
(
dh2

dt
− dh3

dt
) +

r cos(θ)

3routG
(2
dh1

dt
− dh2

dt
− dh3

dt
)+

1

3
(
dh1

dt
+
dh2

dt
+
dh3

dt
)

(3.31)

This squeez term appears in the Reynolds equation which affect the term ffz in

equation 3.29. To solve this system of equations, Newton’s method is used to find

the micro velocity that will cause a pressure force to balance the external loads. The

final form of linear system of equation to be solved is as follows:
1 1 1

routG
−routG

2
−routG

2

0 −routG
√

3
2

routG
√

3
2



dFG1

dFG2

dFG3

 =


Ffz − FKS − FHD
Mfx +Mωx

Mfy +MTG

 (3.32)

Once the force balance is met in the slipper-swashplate interface, the shaft angle is

incremented to the next angle until the whole revolution is over. As mentioned in the

beginning of this section, this is a brief description of the models used in FSTI. Refer

to Schenk 2014 for full description and derivation of models.
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4. VIBRATION EFFECTS

4.1 Sources of Vibration

Vibration exists in axial piston pumps due to multiple sources (Kalbfleisch 2015).

• Varying displacement chamber pressure

• Shaft imbalance/misalignment

• non-uniform suction and delivery flows / fluid forces

• Varying swashplate moments due to control piston non-uniform movement

• Prime mover vibrations

• Uneven friction forces on sliding parts

• Turbulent flow force variations

• Collapsing cavitation bubbles

Out of these factors (although there could be more), varying displacement chamber

pressure is the one that causes most of the vibration. According to Figure 4.1, axial

forces on the piston are force from displacement chamber (FDK), inertial force of

piston (Fak), and friction force between piston and bore (FTK). Sum of these forces

is named FAK and is used to calculate the swashplate moments:

Mx = R
cos2(β)

n∑
i=1

FAKi · cos(φi)

My = R
n∑
i=1

FAKi · sin(φi)

Mz = −R · tan(β)
n∑
i=1

FAKi · sin(φi)

(4.1)



32

Fig. 4.1.: Forces acting on the swashplate for a pump with 5 pistons (J. Ivantysn and

M. Ivantysynova 2001)

Typical values of Mx, My, and Mz are shown in Figure 4.2 for a 75 cc pump that was

used for this research.

The oscillation in values of swashplate moments cause the vibration measured

in this work. Mx is the largest peak to peak moment and the oscillations in the

displacement chamber pressure cause the majority of the vibrations.

In this chapter, effort is made to implement the existing vibration in axial piston

pumps in the slipper-swashplate interface to see its effects in the performance of

the interface. Vibration can potentially change the behavior of slipper-swashplate

interface in the following ways:

• a) Translating the swashplate up and down

• b) Changing the velocity of the swashplate

• c) Adding and removing force due to vibration

• d) Wearing out the ball-joint interface
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Fig. 4.2.: Moments of the swashplate for a 75 cc pump running at 1000 rpm, 100 bar

dp, and full displacement

• e) Changing the external load applied to the slipper due to change of displace-

ment chamber pressure

In this work, option ”c” is chosen as the method of analysis and will be explained

in detail in the next section of this chapter. In order to know how to implement the

effects of vibration in slipper-swashplate interface, the value of vibration needs to be

measured. The details of vibration measurement will be discussed next.

4.2 Measurement Procedure

Measurement of rotating components typically require use of a telemetry system

which is expensive. Therefore the vibration of swashplate, which is stationary, was

measured. The tri-axial accelerometer is mounted on the side of the swashplate as

shown in Figure 4.1.
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Fig. 4.3.: Accelerometer and Angle sensor location on the swashplate

Once the accelerometer was installed on the side of the swashplate, along with the

angle sensor, the pump then needs to be connected to a prime mover. For this work,

the prime mover is a hydraulic motor that is connected to the Maha hydraulic power

supply. The Maha power supply consists of a 2000L reservoir, six electric motors, five

pressure-compensated pumps and two fixed-displacement pumps. The Maha power

supply is capable of delivering 300 kW of power. Taking all the safety precautions,

the test rig is shown in Figure 4.3. The major components of the test rig consist of

the hydraulic motor and hydraulic pump with other components such as relief valves,

check valves and filters which are shown in the schematic diagram in Figure 4.4.
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Fig. 4.4.: Test rig
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Fig. 4.5.: Schematic diagram of test rig
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List of sensors used in the test rig is shown in Figure 3.5.

Fig. 4.6.: List of sensors used in the test rig

Once all the required components were put together to form the test rig (Figure

4.5), measurements were taken for four operating conditions. Since the prime mover

is also hydraulic unit and not an electric motor, with limited hydraulic oil supply,

higher pressure and speed operating conditions were not possible. The operating

conditions are shown in table 4.1.

Table 4.1.: Operating conditions for vibration measurement

Operating Conditions

dp (bar) n (RPM) Displacement (%)

opcon1 100 1000 100

opcon2 100 2000 100

opcon3 250 2000 100

opcon4 350 2000 100
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The results of measured vibration for the above operating conditions are presented

in Figure 4.7 briefly.

Fig. 4.7.: Measured swashplate vibration for operating conditions in table 4.1

4.3 Vibration Implementation as an External Load

To implement the vibration into the slipper-swashplate interface as external load,

the value of vibration is multiplied by the corresponding mass to give a force. Since

in FSTI swashplate is a stationary object with no movements, these effects have to

be on the slippers. From the perspective of swashplate, the slippers are vibrating

at the same values measured for the swashplate. For each slipper then, the external
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force from vibration would be piston-slipper assembly mass multiplied by a modified

version of the measured swashplate acceleration. The external force in the slipper-

swashplate interface is in the ZG direction (Figure 2.6). Therefore, all the components

of vibration need to be translated to the ZG axis. az is already aligned with ZG,

therefore it needs no alternation. ay is perpendicular to the ZG axis, therefore its

contribution is zero. ax which is the highest in magnitude, needs to be translated to

ZG axis. According to Figure 4.8, the modification to ax is as follows:

a(ZG)x
= ax ·

Rb

d
· cos(φ) (4.2)

The force added to the external load FKS (Figure 4.1) is then:

FKS
′ = FKS +mK · (a(ZG)x

+ az) (4.3)

Fig. 4.8.: Translation of ax to ZG

It is important to know the value of vibration at any given rotation angle (φ). For

this reason, an optical sensor was installed on the test rig to record a signal every time

a particular piston makes a full rotation at ODC (outer dead center). The alignment

of the piston and optical sensor is shown with red dotted line in the Figure 4.10:
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Fig. 4.9.: Piston alignment and optical sensor

An output of the optical sensor is shown in Figure 4.11. Whenever the output signal

is about 0, the optical sensor is passing by the center of the reflective tape. Once the

vibration signal and optical sensor signal are overlapped, the time at which piston is at

ODC (φ=0) will be known. There is one important difference between the acquisition

of optical sensor and accelerometer signal, and that is their sampling frequency. The

sampling frequency of vibration is about 10240 Hz and the sampling frequency of

optical sensor is 100 Hz.
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Fig. 4.10.: Output of optical sensor

Vibration signals were sorted out for many revolutions in a column-matrix. Ideally

these columns should be the same, have the sampling frequencies been the same.

Once plotted as transparent lines, to see the dominant signal shape, a general shape

could be determined (Figure 4.12).

Fig. 4.11.: Superimposed vibration signal

Although this method is only graphical, it’s the basis for the cross-correlation done

afterwards. As it can be seen, majority of the signals start between -100 and -200
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m/s2. Finding the column that looks similar to the graphical signal in Figure 4.12

and cross-correlating the rest of the columns according to it yields the following graph

in Figure 4.13 which shows that the signals were repeatable. Vibration is then used

as input in FSTI as a text file.

Fig. 4.12.: Superimposed vibration signals after cross-correlation was done

4.4 RESULTS

4.4.1 ”n = 1000 rpm, dp = 100 bar, β = 100%”

Once vibration was implemented in the slipper-swashplate interface, the perfor-

mance of the interface needs to be compared with the case with no vibration. Film

thickness, viscous friction, leakage, and total power loss along with their average val-

ues are the parameters that will be compared. The operating conditions are the ones

that the measurements were taken in (Table 4.1).
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Fig. 4.13.: Performance comparison of for n = 1000 rpm, dp = 100 bar, β = 100%

There are some small oscillations in film thickness, specially in maximum film thick-

ness. The importance of showing film thickness is to know if the film collapses. As

seen above, minimum film thickness is well above 0 micron. The most obvious differ-

ence is in the leakage, where vibration causes the leakage to oscillate heavily, although

the overall leakage for the case with vibration and without vibration is the same as

shown by the horizontal mean line of both curves. As for torque loss and power loss,

there is no change except for very small oscillations in torque loss. From 0 to 180 de-

grees, the pressure in the displacement chamber is high and from 180 to 360 degrees,

it’s low. The reason there are more oscillations in the low pressure region, is due to

the fact that external load on the slipper is less during this time, which makes the

ratio of inertia force of slipper-piston assembly due to vibration higher. This applies

to all the results presented ahead also.



44

4.4.2 ”n = 2000 rpm, dp = 100 bar, β = 100%”

By doubling the speed, the performance of the interface changes as shown in

Figure 4.15. Film thickness increases on average, meaning leakage also increases from

the previous operating condition.

Fig. 4.14.: Performance comparison of for n = 1000 rpm, dp = 100 bar, β = 100%

Similar to previous operating condition, oscillations in the film thickness are present.

Overall leakage doesn’t change although there are oscillations in the low pressure

region.

4.4.3 ”n = 2000 rpm, dp = 250 bar, β = 100%”

Figure 4.16 shows the performance comparison for this operating condition.
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Fig. 4.15.: Performance comparison of for n = 2000 rpm, dp = 250 bar, β = 100%

The oscillations of film thickness exist as they did for other operating conditions.

However they look more explicit in the leakage results, and they cause no change in

the overall value of leakage. Torque loss and power loss show very small oscillations

but the mean value stays the same.

4.4.4 ”n = 2000 rpm, dp = 350 bar, β = 100%”

Figure 4.17 shows the performance comparison for this operating condition.
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Fig. 4.16.: Performance comparison of for n = 2000 rpm, dp = 250 bar, β = 100%

Similar pattern of results for this operating condition as compared to the previous

ones. However, the magnitude of oscillations have increased for both film thickness

and leakage. The average value of all the parameters stays the same.

4.4.5 Conclusion

As observed through the figures in the results section, vibration only causes os-

cillations during the low pressure stroke and the overall performance of the slipper-

swashplate interface does not change. Due to the nature of the model being steady

state, transient effects of vibration could not be captured. Moreover, there could be

other methods to implement the data presented in this chapter to account for effects

of vibration in the slipper-swashplate interface. One proposed method is to include

the swashplate vibration in pressure build up in the displacement chamber. Using

this method, the pressure in displacement chamber will change and therefore external

loads in the slipper-swashplate interface will vary resulting in a change in behavior

of fluid film.
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5. SLIPPER SURFACE GEOMETRY

5.1 Lubricating Interface Performance Factors

There are a lot of factors that affect the performance of a lubricating interface,

however there are only a few ”design” parameters that can affect this performance.

Aside from analyzing the working fluid and the geometric dimensions of the surfaces,

the characteristics of the solid surfaces are of interest. Material, micro and macro

shaping are some factors that make up the characteristics of lubricating surface.

Macro shape is the overall shape of the sliding surfaces in the interface whereas the

micro shape is the patterns repeated in the macro shape such as different finishes and

waviness. In this work, macro shape of the slipper surface is studied and its effect on

the performance of the lubricating interface will be discussed.

Slipper-swashplate interface is mostly balanced hydrostatically (85-100%). An

overbalanced slipper design will result in an exceeding amount of slipper lift and

leakage which increases losses. Therefore, most of the slipper designs are under-

balanced with the remaining balancing share to be taken by hydrodynamic effects.

If an under-balanced slipper is flat, there has to be tilt for it to operate properly

and not collapse. However with pressure being higher where film thickness is lower

(assuming same viscosity), there will be a moment that counters the tilt and slipper

will collapse. In practice, the trailing edge will have more viscous friction and higher

temperature which result in lower viscosity which could potentially make this work.

However, usually flat slippers undergo decent amount of wear before they reach steady

state performance which implies flat slippers don’t remain flat in operation.
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Fig. 5.1.: Flat slipper tilt

The high-pressure fluid film in the slipper/swashplate interface separates the solid

bodies. The fluid pressure is created by two sources. Hydrostatic pressure which is

the main source of pressure in the fluid, is provided to the slipper pocket from the

displacement chamber through a series of channels in the piston/slipper assembly.

Separately, hydrodynamic pressure develops in the interface because of the unpar-

alleled surface boundary and the relative macro and micro motion between slipper

and the swashplate. Slipper surface geometry in slipper-swashplate interface affects

the film thickness gradient which corresponds to hydrodynamic pressure build-up.

Once the load is balanced, effort needs to be minimize the losses in the interface.

A slipper-swashplate interface design can be designed in such a way that it works

in definitively but with very high leakage losses or viscous friction losses. Finding a

design that can find the perfect balance between viscous friction and leakage is the

aim of this chapter.

An optimal slipper design should minimize energy dissipation while maintaining

a stable fluid film to prevent contact and/or wear of machine components. Tradi-

tional design methods involve analytical and experimental investigation of prototype

slippers. Modern design approaches incorporate computational modelling into the

development process. Yet, modern designs fail to prevent wear-in and contact. As a

basis for this work, wear pattern of slippers from a S90 75 cc/rev commercial pump
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were studied. The pump was received with slippers which had non-flat profiles. Using

Mitutoyo Surftest SJ-500 profilometer according to the pattern shown in Figure 4.2,

profile of each slipper was measured.

Fig. 5.2.: Measurement pattern for each slipper

Eight traces are measured for each slipper. The traces are longer than the sealing land

length and are approximately 45 degrees apart. The output of the profilometer needs

to be post-processed for multiple reasons. One reason is to shorten the length of data

to exactly present the length of sealing land. Second reason is due to inaccuracies

in the profilometer and it not being calibrated, the results are tilted therefore they

need to be rotated. Figure 4.3 compares raw output from the profilometer and post-

processed profile. The MATLAB code for this post-processing is shown in Appendix.

Fig. 5.3.: Raw profilometer output requires post-processing
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To check the accuracy of this post-processing, a visual method was used to confirm

the location of maximum height of the profile. Figure 4.4 shows black and white

close-ups of slipper profiles that have gone through the wear-in process.

Fig. 5.4.: Similar wear pattern on the slipper surfaces

These pictures show a consistent pattern of wear on the slippers’ surface. The dark

ring is the region that has gone through the least amount of wear. That is expected as

the inner and outer edges of sealing land will go through more contact. Inner sealing

land is directly pushed down by the piston-ball and the outer edge makes contact

once the slipper is tilted. On average, the peak is visually located at around 0.67

of normalized sealing land which matches well with the post-processed results. Now

that the measurement process is explained, Figure 4.5 compares the profiles of before

and after wear-in process for a certain slipper (slipper 7 in this case).



51

Fig. 5.5.: Slipper profile before operation (top) and after extensive operation (bottom)

The traces are consistent for both cases making the profile very clear. The spikes in

the results are from tiny scratches on the surface of the slipper. Around the edge of

the slipper, sometimes there are more deformations which lead to a shorter sealing

land (the purple trace in the initial profile). As mentioned before, the initial profile

wasn’t flat. The manufacturer might have done a slight wear-in process or they might

have applied a macro geometry on the slipper surfaces for the hope that they won’t

wear anymore. As can be seen from the results in Figure 4.5, a decent amount of

wear was observed after the profile went through an operating condition of 1500 rpm,

200 bar, and 100% displacement which is a mild condition for this pump. Once this

profile was measured, pump went through multiple other operating conditions that

are listed in Table 4.1.
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Table 5.1.: Operating conditions pump was run at after the worn-out profile

100% displacement

dp (bar) n (RPM)

5 500

50 1000

100 2000

200 2600

300 3200

400 -

To recap the profile history, the slipper profiles were measured when pump was

received (initial profile). Then pump was run at 1500 rpm, 200 bar, and maximum

displacement for about eight hours and was disassembled and the profiles were mea-

sured again (run-in profile). Pump was then put back together and ran at the all the

combinations of pressure and speed presented in Table 4.1 and the profiles were mea-

sured again (post-run-in profile). There is a clear difference between the initial and

run-in profile, but there is approximately no change between run-in and post-run-in

profile as shown in Figure 4.6. Note that the bump in post-run-in profile at 0 sealing

land is caused by measurement errors.
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Fig. 5.6.: Comparison between three measurements of slipper profiles

These measurements were conducted to understand the change in slipper surface

geometry and its patterns. These measurements were a starting point of optimizing

the performance of slipper-swashplate interface by varying the surface geometry of

slipper. Rest of the chapter suggests a method to prevent alterations in surface

geometry due to contact of slipper and swashplate by coupling the existing numerical

model (FSTI) with an optimization of slipper surface profile. The focus of this work

is not on the physics and modeling of wear but on effects of slipper surface profile

on the performance of the interface. When there is contact, it is likely that there

is wear. However, the wearing process during operation is difficult to control, which

results in a final surface profile that does not follow the intended design. In designs

that don’t include a macro geometry and rely on wearing process for operation, the

wearing process requires a softer material usually brass which adds to the part cost.

Moreover, in male slipper designs, steel is used to strengthen the ball joint neck. To

avoid steel to steel contact in male slipper designs, wearing process then requires

the slipper to be made bi-material (steel for the structure, brass for the running
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surface), which is difficult to design, may results in unfavourable thermal behaviour,

and expensive manufacturing. The aim of this paper is to provide means to design a

slipper profile that prevents solid to solid contact during steady state operation while

minimizing energy dissipation through use of an optimization tool coupled with FSTI

model.

5.2 Optimization

Before explaining the details of the optimization, more information regarding the

hydraulic pump and the simulation need to be discussed. Details of the commercial

pump used for the simulation are as follows:

Table 5.2.: Details of the commercial pump studied

Simulation options are provided in the Appendix. Simulations are run for 5 revo-

lutions each which was determined to be enough number of revolutions for enough

convergence.

Using the patterns of wear obtained from measurements on the slipper surface, a

mathematical expression can be found to be used in an optimization scheme. The less

the number of variables defining a mathematical equation for the slipper surface, less

number of simulations need to be run in the future. Due to the nature of the slipper-

swashplate interface, the slipper surface geometry is chosen to be axis-symmetric.

The mathematical expression should be simple (as few variables as possible) and
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inclusive to account for as many possible designs. To parameterize the slipper surface

geometry, two quadratic splines are used. Figure 4.7 shows the curves with their

variables and the equations are as below:

Fig. 5.7.: Comparison between three measurements of slipper profiles

S1 = a1x
2 + b1x+ c1

S2 = a2x
2 + b2x+ c2

S = S1 + S2

(5.1)

As shown in Figure 4.7, three variables are used to define the curve; v0 which is value

of curve at sealing land (SL) = 0, v1 which is the value of the curve at SL = 1, and x0

which is the location of minimum value of curve which also has zero slope. This curve

and previous depictions of slipper surface profile (Figure 4.6) are similar just flipped

upside down since the slipper is assumed to be on the swashplate in the code. With
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these three variables and constraint of zero slope at x0, six unknowns of equation 4.1

can be found as follows:

c1 = v0

b1 = −2 ∗ c1
x0

a1 = c1
x02

a2 = v1
x02+1−2∗x0

b2 = −2 ∗ a2 ∗ x0

c2 = v1− a2 + 2 ∗ a2 ∗ x0

(5.2)

The objective of this optimization is to find a slipper running surface shape that

eliminates contact between slipper and swashplate during steady-state operation of

the axial piston machine for multiple operating conditions while minimizing power

loss due to leakage and viscous friction. With only three variables; v0,v1, and x0, one

constraint of no contact between slipper and swashplate, and objective of minimizing

power loss, a modified full-factorial scheme is used. Other schemes such as NSGA-

II and AMGA2 were also considered however since the simulations are numerically

expensive (1̃0 hours for 5 revolutions on a Core i7-4770 @ 3.4 GHz), they were not

efficient. The range of variables v0, v1, and x0 are shown in Figure 4.8:

Fig. 5.8.: Range of variables v0,v1, and x0



57

V0 and V1 start from 1 micron because all of the designs with V0 or V1 lower

than 1 micron did not pass the constraint of the optimization. Furthermore, V0

and V1 are bounded by 5 microns to eliminate the unnecessary function evaluations

unfavourably high energy loss due to leakage. It should be noted that an increase

in film thickness can reduce power loss at lower film thickness values due to viscous

friction forces being dominant. Similarly, for the limits of X0, values below 0.5 fail to

pass the optimizations constraint and X0 values above 0.75 create a sharp edge in the

slipper profile for certain designs which should be avoided. The modification of full-

factorial scheme will be explained after the operating conditions for the optimization

are discussed. Six operating conditions (opcon) are used for this optimization which

are shown in Table 4.2. This list of operating conditions cover the corner conditions

with extremely low speed and high pressure.

Table 5.3.: Operating conditions used in the optimization

The modification of full-factorial is as follows; All the possible combinations of vari-

ables will be run for opcon1, however only those that show no contact will pass to

the next operating condition. This reduced the size of simulations to only a fraction

of a full-factorial study for all operating conditions as will be shown later on in this

chapter. Out of all the operating conditions, opcon1 is the most prone to showing

contact since it has the highest operating pressure and displacement (load) with low-

est speed (hydrodynamic effect). The flow chart of this optimization scheme is shown

in Figure 4.9:
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Fig. 5.9.: Optimization flow chart

The output of this optimization are slipper surface geometries that have passed the

constraint check and have the lowest power loss. The optimal profile for each operat-

ing condition presented in Table 4.2 will be discussed. Moreover, one optimal profile

for a slipper that goes through all the operating conditions will also be presented.

The reason both of these results are important is because a pump could run through

multiple operating conditions regularly or a pump can mainly operate at one oper-

ating condition. Either way, this study shows that by digitizing the performance of

the pump and knowing its operating conditions, the optimal profile for its lubricating

interfaces can be achieved which will eliminate solid to solid contact and give the

highest efficiency to the pump. For opcon1, the screening of contact between slipper

and swashplate is done by analyzing the film thickness. If the value of minimum film

thickness during the whole revolution drops below 0.4 micron which is the assumed

surface roughness of slipper and swashplate (0.2 micron each), then contact has oc-
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curred for that slipper surface geometry. Figure 4.10 shows all the minimum film

thickness plots of all 486 designs for opcon1. The red line is the optimal design’s

minimum film thickness. There are other film thickness traces that are lower than

the optimal one during the high pressure stroke (0-180 deg), but they either increase

in value during the low pressure stroke (180-360 deg) or the collapse around 340 deg.

Fig. 5.10.: Minimum film thickness for all designs of opcon1

For opcon1, after the film thickness screening process, power loss will be monitored

to find the design with the lowest power loss and to also analyze the effects of the

three design variables on power loss. Figure 4.11 shows the power loss scatter plot

vs. design number for all the operating conditions. Filled dots are the designs that

show no contact and will proceed to go to the next operating condition and empty

dots are designs that showed contact and their film thickness collapsed at least once

during the whole revolution.
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Fig. 5.11.: Design vs. power loss for all operating conditions

The optimal profile for each operating condition is presented in Figure 4.12. As

the difference between the first three operating conditions and last three are only their

displacement, some similarities in the pattern can be seen for the operating conditions

with same speed and pressure, namely opcon2 and opcon5, along with opcon3 and

opcon6. Since this wasn’t a full-factorial study for each opcon and the focus of

this study was to find one optimal profile that goes through all of the aforementioned

operating conditions, the optimal profiles shown in Figure 4.12 are not absolute based

on the variable boundaries mentioned in Figure 4.8. To further explain, the variable

boundaries are changed after opcon1 and they keep getting narrower as the study

goes on.
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Fig. 5.12.: Optimal profiles for all operating conditions

The overall optimal profile that goes through all the operating conditions is shown

in Figure 4.13 with a picture of slipper next to it for better comprehension of imple-

mentation of these profiles (Slipper is not drawn to scale).

Fig. 5.13.: Optimal profile that goes through all the operating conditions

Next up will be the comparison of the performance of this optimal profile with the

commercial profile initially measured in the beginning of this chapter (Fig 5.5-initial
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profile). To elaborate on this comparison, each profile runs through all six operating

conditions presented in this chapter (Table 5.3), then minimum film thickness, leak-

age, torque loss, and power loss will be compared for these profiles. As was discussed

earlier, the commercial profile went through wear during operation at different oper-

ating conditions. The optimal profile is at first compared to the initial commercial

profile that hasn’t gone through any wear due to operation. This profile can be ex-

pressed as v0 = 0.3, v1 = 1.1, x0 = 0.8 according to the method defined earlier in

this section. After this comparison, the worn out commercial profile (v0 = 1, v1 = 2,

x0 = 0.7) will also be compared to the optimal profile.

It needs to be mentioned that the wear process on the commercial profile is un-

predictable and does not allow for the best performance of the interface, therefore a

profile that prevents contact wear should be used as the initial profile for the interface.

5.3 Results and Discussion

Starting with opcon1, the performance of commercial profile discussed earlier is

compared with optimal profile shown in Figure 5.13. The results are shown in Figure

5.14.
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Fig. 5.14.: Comparison of performance between optimal vs commercial profile for

opcon1

As discussed before, opcon1 was considered an extreme operating condition for its low

speed and high pressure, which results in the commercial profile to collapse for most of

high pressure stroke in the ”Minimum Film Thickness” subplot. Due to this collapse,

the leakage is minimal for the commercial profile whereas for the optimal profile,

leakage is excessive. Moving to Torque loss subplot, the lower the film thickness,

the higher is the velocity gradient term in viscous torque loss du/dh, which results

in high peaks of torque loss for the commercial profile during the collapse period.

Finally, the power loss plot for this operating condition (opcon1) is not in favor of the

optimal profile at first look, however it needs to be stated that the commercial slipper

will not operate successfully in this operating condition without going through mixed

lubrication and wearing out which in its own causes power to be lost. For this result

and the future ones whenever film thickness collapses, the power loss results are not
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accurate and they are showing a number that is lower than what it actually should

be. This discrepancy is due to the boundary lubrication and solid to solid contact

which requires a different way of power loss calculation.

Moving to opcon2, Figure 5.15 at a glance shows the optimal profile as the better

performer.

Fig. 5.15.: Comparison of performance between optimal vs commercial profile for

opcon2

In opcon2, since it has high speed, the commercial profile did not fully collapse

during the high pressure stroke, however during the collapsed time, viscous torque

loss is larger than before due to higher speeds. Leakage for these two profiles is a

bit in favor of the commercial profile and the two profiles show very similar behavior

during low pressure stroke. Finally, power loss is reduced by 25% using the optimal

profile which is mainly due to the difference in torque loss.
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For opcon3, which is a low pressure and high speed condition, the results are

shown in Figure 5.16.

Fig. 5.16.: Comparison of performance between optimal vs commercial profile for

opcon3

At first, the commercial profile shows a better minimum film thickness behavior which

is above the collapse threshold but lower than the optimal profile, which also results

in less leakage than the optimal case. However, the commercial case has higher torque

loss due to lower film thickness values. This result suggests that the best profile needs

to find the balance between leakage and torque loss. In this operating condition, due

to high speed and lower pressures, torque loss is more dominant in power loss than

leakage is. Finally, the optimal profile shows lower power loss due to lower torque

loss for this operating condition.

In opcon4, shown in figure 5.17, film thickness values are very large for both cases

and due to torque losses being very similar, leakage is the only differentiating point
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between the two profiles. Power loss for the optimal profile turns out to be 18 %

higher than the commercial profile.

Fig. 5.17.: Comparison of performance between optimal vs commercial profile for

opcon4

Opcon5 shows extensive collapse of the fluid film during the high pressure stroke

for the commercial profile which leads to higher torque losses. However, leakage is

very low for the commercial profile, however note that once the fluid film collapses,

the shape of that profile may go through wear. Overall, for opcon5, power loss is

reduced 12% when using the optimal profile. Results are shown in Figure 5.18.
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Fig. 5.18.: Comparison of performance between optimal vs commercial profile for

opcon5

Moving to the last operating condition, opcon6, the optimal profile shows an improve-

ment in performance. As shown in Figure 5.19, the leakage for the optimal case is

more than double the leakage of the commercial case, however the torque loss for the

commercial case is larger than the optimal case. Overall, due to the high speed and

low pressure of this operating condition, power loss is reduced by 27% when using

the optimal profile.
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Fig. 5.19.: Comparison of performance between optimal vs commercial profile for

opcon6

After looking at the results for minimum film thickness, leakage, viscous torque

loss, and power loss for the two profiles, one more criteria should be looked at which

is contact area ratio. Contact area ratio is the ratio of the collapsed fluid film area

over the total area of the slipper sealing land averaged for each shaft angle. Figure

5.20 shows the contact area ratio for the two profiles for the six operating conditions.
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Fig. 5.20.: Contact area ratio comparison for commercial and optimal profile for all

six operating conditions

The numerical values for leakage, torque loss, power loss, and contact ratio are pro-

vided in table 5.4. As it can be seen,
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Table 5.4.: Comparison for commercial and optical profile

5.4 Conclusion

In this section, a simulation study was conducted to find an optimal macro pro-

file for slipper surface geometry. The optimal profile removed solid to solid contact

between slipper and swashplate for all operating conditions shown in table 5.3. The

performance of the optimal profile was then compared to that of a commercial profile.

The two profiles are shown in Figures 5.13 and 5.6. The comparison showed signifi-

cant reduction in viscous torque loss for the optimal profile and an overall reduction

in power loss for the optimal profile. Torque loss was reduced by 89%, 49%, 29%,

49%, and 34% respectively for opcon1, opcon2, opcon3, opcon5, and opcon6 when

using the optimal profile. For opcon4, torque loss was increased by 1.7% using the

optimal profile. Leakage was mainly increases when using the optimal profile. The

change in power loss was +139%, -51%, -25%, +18%. -12%, and -27% for opcon1,

opcon2, opcon3, opcon4, opcon5, and opcon6, respectively.
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6. CONCLUSION

In this thesis, the basics of axial piston machines were introduced and the under-

lying principles of a fully coupled fluid-solid-thermal interaction model for slipper-

swashplate interface developed by Schenk (2014) were briefly explained.

In chapter 3, the effects of swashplate vibration on the performance of the slipper-

swashplate interface were analyzed. A test rig was set up and the swashplate vibration

was measured at various operating conditions with speeds of 1000 and 2000 rpm, pres-

sure difference of 100, 250, and 350 bar and maximum displacement. The vibration

signal was aligned with the rotation of a certain piston to ensure the timing of the

vibration signal acquired is inline with what was used in the model. The results

showed that swashplate vibration for all of the operating conditions mainly affect

film thickness and leakage. Film thickness and leakage values oscillate according to

the pressure difference of the operating condition. The maximum amount of oscilla-

tions occur at 2000 rpm and 350 bar pressure difference. However, the overall value

of leakage, torque loss, and power loss fairly remains the same for the case with and

without vibration.

In chapter 4, the effects of slipper surface geometry on the behavior of the slipper-

swashplate interface were studied. The surface of the slipper was expressed in a

quadratic-spline equation with three variables v0,v1, and x0. v0 and v1 represent

slipper surface offset at the start of sealing land and end of sealing land, and x0

represents the normalized location of sealing land at which the slipper profile has

zero slope. Using an optimization scheme, with a constraint to remove solid to solid

contact between slipper and swashplate, and objective of minimizing power loss, for

six different operating conditions an optimal profile was obtained. The optimal profile

was used in simulation for six operating conditions as shown in table 5.3 and the

performance was compared with a commercial profile which was measured at Maha
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facility. The results show that there is an average of 41% reduction in torque loss, an

increase in leakage, and an average reduction of at least 7% in power loss when using

the optimal profile.
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